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Abstract

This paper investigates heat transfer and pressure drop phenomena over a bank of micro pin fins. A simplified
expression for the total thermal resistance has been derived, discussed and experimentally validated. Geometrical
and thermo-hydraulic parameters affecting the total thermal resistance have been discussed. It has been found that very
low thermal resistances are achievable using a pin fin heat sink. The thermal resistance values are comparable with the
data obtained in microchannel convective flows. In many cases, the increase in the flow temperature results in a con-
vection thermal resistance, which is considerably smaller than the total thermal resistance.

© 2005 Elsevier Ltd. All rights reserved.
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1. Introduction

Over the last decade, driven by the rapidly increasing
heat dissipation predicament involving microprocessors,
numerous investigations have been conducted on forced
convection in microchannels concerning both single-
phase [1-4] and boiling (two-phase flow) [5-9]. Nonethe-
less, other microscale cooling methods have received
inadequate attention. This is perhaps because channels
are fundamental geometries in heat transfer and fluid
flow engineering applications, and extensive literature
and knowledge exist for conventional scale channels.
Furthermore, the relative ease of fabricating microchan-
nels has ensured their popularity among researchers.
However, recent advances in microfabrication technol-
ogy have enabled the realization of alternate microscale
cooling methods, whose performance can outshine the
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standards set by microchannels. At the conventional
scale, pin fin heat sinks, either shrouded or open ended,
are widely used in the industry. Nevertheless, very lim-
ited studies of such cooling methods have been con-
ducted at the microscale.

Over the past century, several investigators have
explored various heat transfer and pressure drop charac-
teristics for flow across a bank of tubes at the macro scale
and a considerable amount of data and correlations for
heat transfer coefficients (Nusselt number) and friction
factors are readily available in the literature. Explicit cor-
relations for various flow regimes (laminar, transitional,
or turbulent), pin fin arrangements (staggered or in-line)
and pin geometry including longitudinal/transverse
pitch-to-diameter ratio and pin height-to-diameter ratio
(L/D) have been developed. Since cross flow over a long
array of tubes is commonly encountered in shell-and-
tube heat exchangers, early studies have mainly focused
on arrays of long cylinders with L/D > 8 [10,11]. An
assortment of correlations for different array configura-
tions and flow regimes are readily available. Dimensional
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Nomenclature

Ay base area [m?]

A frontal cross-sectional area [m?]

Age fin cross-sectional area [mz]

Afin fin surface area [m?]

Anr area defined in Eq. (7)

A, platform area [m2]

A, total effective heat transfer area [m?]

C, C,, C3 constants

¢y specific heat at constant pressure [kJ kg~! °C ™!
D pin fin hydraulic diameter [m]

E voltage applied across the heater [V]

f friction factor

h average heat transfer coefficient [W m 2 °C ™!
1 current passed through the device [A]

Kein thermal conductivity of the fin [W m™! °C™!]
kauia thermal conductivity of the fluid [W m™! °C’1]
L channel height, fin height [m]
m constant
m mass flowrate [kgs™!]
M number of data points
MAE  mean absolute error
constant

n
Niow number of pin fins in a single row

N number of pin fins in a single column
Nu average Nusselt number

P electrical power [W], pressure

AP pressure drop [kPa]

Py fin perimeter [m)]

Pr Prandtl number

q" heat flux [W cm ™3]

(0] volumetric flowrate [m®s™']

R electrical resistance [Q]

Reony  thermal resistance due to conduction
[KW™]

Re Reynolds number based on pin fin hydraulic
diameter

Rpeat thermal resistance due to the increase in li-
quid temperature [K W™']
Reony  thermal resistance due to convection

[KW™]
Riot total thermal resistance [K Wfl]
Riot dimensionless total thermal resistance
t thickness of the silicon block [m]
ty endwalls thickness [m]
T temperature [°C]
vV frontal velocity [m s~']
wy channel width [m]
Wy channel length [m]
X parameter under investigation

Greek symbols
AT,, temperature difference between T7,, and

Tamb [OC]

13 porosity

n fin efficiency

u viscosity [kgm~"' s7']

T second term of the right hand side in Eq.
(13)

p density [kg m~7]

Subscripts

amb ambient

av average

exp experimental

in inlet

min minimum

] surface

th theoretical

exit exit

analysis suggests that the convective heat transfer across
cylinders in cross flows varies with the Reynolds and Pra-
ndtl numbers. A commonly used relation for the average
Nusselt number is in the following form Nu = CRej,P/",
where C, m, n are constants. Various constants for differ-
ent tube configurations and thermo-hydraulic conditions
have been proposed, and it has been experimentally
determined that the exponent n lies between 0.3 and 0.4
[11]. Pressure drops have been expressed in terms of the
velocity, number of rows, fluid density, and the friction
factor. Besides, various correlations have been proposed
for the friction factor for flow across a bank of tubes
(e.g., [12]).

The knowledge gained through studies involving long
tubes has contributed immensely to the development of

various pin fin heat sinks. As noted by Moores and Joshi
[13], intermediate size shrouded pin fin (1/2 < L/D <38)
heat sinks are primarily encountered in applications con-
cerning turbine blade or vane cooling, whereas short
pins are commonly found in compact heat exchangers
[14]. A concise review of staggered array arrangements
for intermediate pin sizes is provided by Armstrong
and Winstanley [15]. In general, the average heat trans-
fer coefficient for relatively short pin fins is slightly lower
than for long cylinders. Friction factors, on the other
hand, display no such deviation. However, Short et al.
[16] have found that at low Reynolds numbers friction
factors are altered for intermediate size tubes. This has
an important implication for microscale pin fin heat
sinks, since laminar flow is expected to dominate in these
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systems. As a result, Kosar et al. [17] experimentally ob-
tained friction factors over intermediate size 50 pm and
100 pm pin fin heat sink and demonstrated the impor-
tance of fin height-to-diameter ratio. Recently, Marques
and Kelly [18] experimentally studied a heat exchanger
possessing 500 um diameter staggered micro pin fins
with a pitch-to-diameter ratio of 2.5, which they fabri-
cated using a modified LIGA (Lithography, Electro-
forming (German: Galvanoformung), and molding
(German: Abformung)) micromachining process. An in-
crease from 4.1 to 5.5 in the heat transfer rate has been
reported with the introduction of pin fins for Reynolds
number ranging from 4000 to 20000.

The extensive knowledge of convective flow across a
bank of pin fins presents an indispensable engineering
tool that can be used to correlate the thermo-hydraulic
field in such flow configurations. Although, it was devel-
oped mainly in the context of conventional scale systems
it provides an excellent platform for extension to micro-
scale devices, and can be employed to obtain preliminary
heat transfer and pressure drop data. Due to the small
pin dimensions at the microscale, the flow regime is
expected to be predominantly laminar. Moreover, as
stated by Incropera and DeWitt [19], a staggered fin
arrangement is favored for enhanced heat transfer rates
at low Reynolds numbers. The present study introduces
the microscale pin fin heat sink design and concept, and
analyzes its heat transfer capabilities. A test case that
demonstrates the thermo-hydraulic performance of the
micro heat sink is discussed in Section 3. In Section 4,
preliminary experimental results, which support the ana-
lytical work, have been presented.

2. Microscale pin fin heat sink concept
and heat transfer analysis

The concept of microchannel cooling integrated as
part of the silicon substrate has been extensively investi-

Flow
in

Silicon
block tw

gated over the past decade. Relatively, insufficient atten-
tion has been given to other silicon based microscale
cooling methods. A particular concept that will be exa-
mined in this study is presented in Fig. 1. A silicon heat
sink is configured from a bank of pin fins, which are
confined between endwalls. Liquid (or gas) flows across
the array of pins and absorbs the heat generated by the
heater at the base. As in microchannel heat sinks, the
primary objective is to minimize the base temperature
while maintaining pressure drops (or pumping power)
as low as possible. A very useful performance parameter
for the pin fin heat sink concept (as well as for other con-
figurations) is the thermal resistance between the base
and the cooling fluid.

The total thermal resistance (R,) can be expressed
(similar to Tuckerman and Pease [20] and the analysis
presented by Phillips in [21]) as the sum of three compo-
nents that account for conduction through the silicon
substrate excluding the fin region (R.,nq), convection
to the flow (Rcony), and thermal resistance due to an in-
crease in the flow temperature as it flows through the fins
and absorbs heat (R},.,¢). Since the substrate thickness is
usually small (<500 pm) and the thermal conductivity of
silicon is large (~150 W m™! °C), Reonq is usually very
small and for most practical purposes can be neglected.
Using a simple energy balance Rye, can be expressed as:

1

Rea:._ 1
o = (1)

Similarly, R.ony can be expressed as:
1

Reony = = 2
. )

where A, is the total effective heat transfer area, which
can be expressed as follows:

Ay = Ap + ndgin (3)

where Ay is the base area, Ag, the surface area of the
fins, and # the fin efficiency. From Eqs. (1)—(3) it follows:

Fig. 1. Micro pin fin heat sink concept.
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1 1
RO =+t 4
tot e, h(Ay + nAmn) “)

Eq. (4) is multiplied by ric, to obtain the dimensionless
form of the thermal resistance:
n pVAcc,

hAu[1 +4(1 — e/e)nL/D]

Elo[ = Rlolrhcp =1 (5)

where D is the pin fin hydraulic diameter, which is given

by 4A4¢/ Py, and ¢ the porosity given by:
Ay

&
Anf

(6)

Relme’,O.64

o Pr 0.25
Nu = C3Re" P (E) (13)

From Egs. (12) and (13) it can be seen that the total
thermal resistance is a function of geometrical (L/D,
e, Wo/L) and thermo-hydraulic parameters (Rep,Pr,
keuia'ken). Eqs. (12) and (13) can be further simplified
to obtain an expression for R, in terms of a single
dimensionless convection parameter (m;):

Rt =1+m (14)

where

(15)

tanh [2(L/D) \/ C3Re" PO (Pr/ Pry)*® knia / in

W P 0.25 1—¢
c3c2<fz)(ﬁ) 1+2( . >

Aqyr 1s related to the platform area of the heat sink (see
Fig. 1), 4, by:

Anf = Ap - 2tw w, (7)

For an insulated fin tip, the fin efficiency is given as:

tanh <2L\ /h/ k[‘mD)
n= = (8)
<2L\/h /kme>

The ratio 4,/A. can be expressed as follows:

Ay wm

o _2c 9
4. L ? ®)
where C, is a geometrical constant. For evenly distrib-
uted circular fins on a square base area:

Cy=¢/(1-+/4(1—¢)/n) (10)
Note that for circular fins (1 — n/4) <¢ < 1. Inserting
Egs. (8) and (9) into Eq. (5) yield:

— V&
Rt =1+ ek

i) (45 (5) %}
(i

After some manipulations, it follows:
Re-Pr

Etol =1+

—w 1 —¢\ tanh[2(L/D)~/Nu - kqyia /Kt
Ma(*2)ead12(E
L é v/ Nu- kuia /iin
(12)
The Nusselt number can be expressed in terms of the
Reynolds and Prandtl numbers by [10]:

\/C3RemPr°'36(Pr/Pi’s)O'zskﬂuid /ketin

Egs. (14) and (15) clearly demonstrate the dependency of
the thermal resistance on the geometrical configuration,
the Reynolds (Re) and the Prandtl (Pr) numbers (not the
heat flux). It follows that for a given pin fin configura-
tion, Re and Pr number, the thermal resistance is con-
stant for any heat flux. Thermal resistance obtained
under a certain heat flux can be used without any mod-
ification to find the surface temperature for a different ¢”
(provided the geometrical configuration, Re and Pr
numbers are not altered).

In Eq. (14), the first term on the right hand side (the unit
value) accounts for the thermal resistance due to the in-
crease in fluid temperature, while 7; accounts for the con-
vection thermal resistance. It follows from Eq. (14), that
low values of the total thermal resistance can be achieved
if 7, is kept as low as possible. For n; < 1 convection is
practically negligible and the temperature rise of the walls
are only due to an increase of the fluid temperature. For
71 > 1 convection is the dominant factor causing the wall
temperature to rise. It would therefore be useful to assess
the values of 7, which correspond to typical conditions
observed in electronic chip cooling. A typical micro scale
pin fin heat sink is expected to have the following geomet-
rical configurations and will operate in thermal-fluid con-
ditions given by: 10 < Re < 1000,2 < L/D < 20 (200 pm <
L <400 pm, 20pm < D < 100 um), 20 < w,/L < 200
(wa ~ 1 cm), 0.5 <¢<0.9 (corresponding to circular pins
with a pitch to diameter ratio of 1.25 and 3, respectively),
and C3 ~ 0.9, m ~ 0.4. It follows that 7, has the following
range:

0.0013 < m; < 4.2 for water (16)

0.0001 < m; < 1.2 for air (17)
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Rt

0 200 400 600 800 1000
Re

Fig. 2. R Vvs. Re evenly distributed pin fins with &= 0.65,
C, =1.953, C3=0.9, and wo/L=25.

The extremely low values of n; are indeed very encour-
aging. However, the higher values of m; suggest that
careful consideration should be given to minimizing con-
vection heat transfer in the heat sink design process.

Eq. (14) with =; from Eq. (15) is plotted in Fig. 2 for
evenly distributed pin fins with ¢ =0.65, C,=1.953,
C;=0.9, and wo/L =25. As can be seen, R, tends to
increase with the Reynolds number. This is because
the power dependency of the Nusselt number on the
Reynolds number is smaller than unity (Re};) while the
mass flow rate dependency is linear. The combined effect
results in the Re,™ term in the numerator of n;. The
convective resistance is further increased by the reduc-
tion of the fin efficiencies at higher Nusselt numbers
(higher Reynolds numbers). Fig. 2 also shows that Ry
of air is considerably lower than water. Besides, the den-
sity and thermal capacity of air is much lower than the
corresponding values of water (3 orders of magnitude
and 4 times lower, respectively). Therefore, the dimen-
sional total resistance is considerably high for any prac-
tical engineering purpose.

The total thermal resistance as a function of the
porosity for various Reynolds numbers (10, 100 and
1000) is shown in Fig. 3. As expected, low pin density
(higher porosity) results in higher R. At low porosity
(¢ smaller than ~0.7), the thermal resistance is primarily
due to an increase in the fluid temperature as it flows
through the heat sink and absorbs heat. At these ¢ values
the increase in R, is relatively minute, but for higher
porosity Ry increases steeply. To suppress the convec-
tive thermal resistance at high Reynolds number, dense
pin fin configurations are preferable, while for low Rey-
nolds numbers more sparse arrangements are sufficient.
It should be noted that at very high porosity values the
ratio Ag,/Ayp is small and Eq. (15) is no longer valid,
since endwall effects dominate heat transfer. For ¢ =1

1.6
1.4 1
1.2 A

ﬁlol 0'6
0.4 A
0.2 A
O T T T
0.25 0.45 0.65 0.85
(a) €
ﬁl()l
(b)
ﬁlol
O T T T
0.25 0.45 0.65 0.85
(c) €

Fig. 3. R, vs. ¢ profile for (a) Re=10, (b) Re= 100, and
(c) Re =1000.

and high Reynolds numbers, the thermal resistance is
considerably larger than the value given in Fig. 3 since
the Nusselt number for channels (the microchannel
between the endwalls) is a constant (Nu ~ 5 for large
aspect ratio channels). However, for cylinders in cross
flow Nu increases with Re.

2.1. Pressure drop

Several optimization schemes for electronic cooling
heat sinks have been previously examined [20,22-27].
All previous microscale cooling studies have employed
the thermal resistance as the parameter to be minimized
while maintaining a fixed pressure drop [22-25,27] or
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pumping power [26] except for Murakami and Mikic¢
[27] who minimized the pressure drop and pumping
power for a fixed thermal resistance. Therefore, to initi-
ate a valid comparison of the pin fin heat sink perfor-
mance to other microchannel cooling schemes, it is
useful to explicitly express the thermal resistance in
terms of the pressure drop. The pressure drop, AP,
across a tube bank is given by Zukauskas [10]:
2

AP:NpVTf (18)
where the friction factor, f; is given by [28] (for laminar
flow and evenly distributed pin fins):

180 1 & 04
=% () (19)
Inserting Eq. (19) into Eq. (18) and rearranging yields:
B pDz 1—¢ 0.4
Re = 502N ( . ) AP (20)

Inserting Eq. (20) into Eq. (15) results in a direct relation
between 7; and the pressure drop:

liquid. Initially a pin fin pitch-to-diameter ratio of 1.5
is selected, which corresponds to ¢ = 0.651, wy/L = 25,
and C, = 1.953.

Total dimensional thermal resistance can be found
for a given pressure drop by inserting Egs. (21) and
(22) into Eq. (14). Rt as a function of tube diameter
for various pressure drops is shown in Fig. 4 for
L =400 um (note that flow rate varies with the pin fin
diameter for a given pressure drop). At small diameters
(below ~50 m), R rapidly decreases as the diameter in-
creases. As the fin diameter is further increased the curve
slope gradually diminishes, and at some point a mini-
mum is reached. Additional increase in the fin diameter
results in higher thermal resistance. This is a result of
two competing factors that affect Ry, as D is varied.
On one hand, the heat transfer coefficient is inversely
proportional to the fin diameter for a given Reynolds
number. On the other hand, smaller diameters result in
lower Reynolds numbers for a given mass flow rate,
and higher friction factors, which elevates flow resis-
tance. Therefore, for a fixed pressure drop, flow rates

I1—m

pD* (1-&\" 0.64
AP Pr
90u2N( €
D> [— e\ m
tanh (2(L/D),|Cs (9(’;#2]\[( : F> AP) H0.36(Pr/1)rs)0.25kﬂuid/kﬁn

G <9Oy2N

In order to fully define R in terms of the pressure drop,
the mass flow rate has to be correlated with respect to
the pressure drop. After some manipulations the mass
flow rate can be expressed as follows:

()6 ) ()]

(22)

The aforementioned analysis will now be demonstrated
through a test case tailored to chip cooling application.

3. Test case: silicon heat sink for chip cooling

A typical silicon micro heat sink has a base area of
1cm x 1 cm, substrate thickness of ~500 pm, which
results in a maximum fin height of ~400 um. A stag-
gered array of circular fins is selected as the heat sink
geometrical configuration, and water as the working

&

N 0.4 m
(ﬁ) AP) PO (B Pry ) e e

1)

are reduced, which in turn reduces the heat transfer co-
efficient. At very small diameters (below ~50 um) flow

— Ap=0.2 atm
=== Ap=0.5 atm

Ap =1.0 atm
=== Ap=2.0 atm
— Ap=5.0 atm

50 100 150 200 250 300 350 400
D (um)

Fig. 4. Ry vs. D for water (L =400 pm, ¢ = 0.65, w,/L = 25).
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resistance dominates the high values of Ry, while at
large diameters R, is dominated by the reduction in
the heat transfer coefficient as the diameter increases.
The values of D, which minimize the thermal resis-
tance, are shown in Fig. 5 to be between 250 and
325 um at various values of the pressure drop. As the
pressure drop decreases, the minimum shifts to a higher
value. Higher pressure drops correspond to higher flow
rates (higher Reynolds numbers), wherein the depen-
dency of the friction factor on the Reynolds number
diminishes. The reduction of the tube diameter at higher
Reynolds number does not severely penalize the flow
rate. Therefore lower values of D are required to mini-
mize R, The low aspect ratio of L/D which minimizes
R, 1s a result of very high heat transfer coefficients
exhibited at the microscale (% is inversely proportional
to D), as can be seen from Fig. 6. Moreover, this raises
an additional physical issue that needs to be carefully
examined. Deviation has been found in the Nusselt num-

0 T T T T
0 1 2 3 4 5
Ap (atm)

Fig. 5. Optimum D vs. pressure (L =400 pm, &=0.65, w,/
L=25).

0.65 r r T T T T T
0.6}
055}
0.5}
045

n 04}
035}

03}~
—Ang_%alm
’<‘_ ---- Ap = 0.6 atm
0251 .- Ap= 104
--- Ap =2.0 atm

0.2 - - - - - - -
40 60 80 100 120 140 160 180 200

D(um)

Fig. 6. Fin efficiency vs. D for water (L =400 um, ¢ = 0.65,
wo/L = 25).

ber [15] and friction factors [16,17] values between short
and long fins. However, existing correlations for Nusselt
numbers and friction factor in intermediate tubes
(0.5 < L/D < 6) have been mainly developed for Rey-
nolds numbers corresponding to transition and turbu-
lent flows. Nevertheless, flow across microscale fin
arrays typically requires laminar flow models.

The minimum Ry, value as a function of the pressure
drop is shown in Fig. 7. At a pressure drop of two atmo-
spheres, the minimum total thermal resistance ((Riot)min)
is 0.0389 K W', which corresponds to 7.8 °C maximum
wall temperature raise for 200 W cm ™2 heat dissipation
power, and 30.7 °C at 790 W cm 2. These values seem
to be superior to microchannels flow as demonstrated
in Table 1. Although, the microchannel data provided
in the table were obtained for optimized conditions,
the thermal resistance of the pin fin heat sink is a factor
of 1.5-2.5 smaller than for microchannels. For example,
Tuckermann and Pease [20] claimed wall temperature
rise of 71 °C for heat flux of 790 W cm ™2 under opti-
mized microchannels configuration for a 30 psi pressure
drop. It should be noted that the heat transfer and pres-
sure drop correlations are currently not developed suffi-
ciently to accurately determine the thermal resistance.
Nonetheless, the results strongly suggest that pin fin heat
sinks have considerable potential as microscale cooling
schemes and deserve research consideration analogous
to microchannels.

Fig. 8 shows the thermal resistance as a function of
porosity for D =100 um, L =400 um, w, =1 cm, and
AP =2 atm. The reduction of R, with ¢ is primarily
due to the increasing velocities as flow resistance drops.
At porosities larger than ~0.5 the curve is relatively flat.
As discussed in the previous section, at very high poros-
ity (0.85 and larger) endwall effects become significant
and the model can no longer be considered accurate.
In fact, for ¢ =1 (no pin fins) the model predicts R
to be zero, which of course is incorrect. When endwall

10°

Roin (K/W)
aL

10 —
10
Ap(Pa)

Fig. 7. Ruyin Vvs. pressure drop profile for water (L =400 pm,
& =0.65, wy/L = 25).
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Table 1
Comparison of thermal performance
Ap q’ R Cross-section ~ Hydraulic H wy X w,  Temperature
(kPa) (Wem™2) KW diameter (um) (um) (cm?) rise (°C)
Tuckerman and 203 790 0.0900 Rectangular 92 302 1.0 71.0
Pease [20]
Knight et al. [24] 207 790 0.0560 Circular 371 365 1.0 443
Gillot et al. [29] 180 350 0.0920 Rectangular 364 2000 9.0 35.0
Murakami and 264 790 0.056 Circular 247 365 1.0 443
Mikié [27]
Current study 203 790 0.0389 Rectangular - 243 1.0 30.7
14 tion of the primary steps in the process flow is displayed
in Fig. 9.
124 A 1.5 um thick high quality thermal oxide is depos-
ited on both sides of the silicon wafer to shield the bare
a wafer surface during processing. The heater and the via’s
< 05 are formed on the backside of the wafer by CVC sputter-
é ing. A 70 A thick layer of Titanium is initially deposited
;§ 06 4 to enhance adhesion characteristics and is followed by
sputtering a 1 um thick layer of Aluminum containing
04 1 1% Si. Subsequent photolithography and concomitant
wet bench processing creates the heater on the backside
0.2 4 of the wafer. A 1 um thick PECVD (plasma enhanced
chemical vapor deposition) oxide is deposited to protect
0 ' ' ' ' ' ' the heater during further processing.
02 03 0.4 05 0.6 07 0.8 0.9

€

Fig. 8. Ry vs. ¢ profile for 2 atm pressure drop.

effects are considered for ¢ = 1 (a plain high aspect ratio
microchannel) the resulting thermal resistance 1is
2.5 K W~! (much larger than for 0.3 < ¢ < 0.85).

4. Experiments

In order to validate the analytical results obtained in
the previous section an experimental study is conducted.
This section describes the design and fabrication of a
micro pin fin heat sink, outlines the experimental proce-
dure and presents the experimental results.

4.1. Micro heat sink device fabrication

The micro pin fin heat sink device is micromachined
on a polished double-sided n-type (100) single crystal sil-
icon wafer employing techniques adapted from IC man-
ufacturing. The microfluidic device used in the present
investigation consists of an array of cylindrical pins
(transverse and longitudinal pitch ratio of 1.5) embed-
ded inside an 1.8 mm wide, 243 pm deep and 10 mm
long channel. The microfluidic device is equipped with
pressure ports at the inlet and the exit to obtain accurate
static pressure measurements. A schematic representa-

Next, the microchannel and the pins are formed on
the top side of the wafer. The wafer is taken through a
photolithography step and an oxide removal process
(reactive ion etching) to mask certain areas on the wafer,
which are not be etched during the DRIE (deep reactive
ion etching) process. The wafer is consequently etched in
a DRIE process and silicon is removed from places not
protected by the photoresist/oxide mask. This creates an
array of cylindrical pins entrenched inside a microchan-
nel. In order to minimize ambient heat losses an air gap
is formed on the two ends of the side walls (Fig. 10) and
4 mm long inlet and exit plenum are formed on the thin
silicon substrate (~150 m). The DRIE process forms

-
Silicon | i <+ Silicon
Dioxide >
Heater ——
< Micro Pin
[ S Fins

B|niinain(E

Inlet anM
Outlet P m—
:1 gouooun l:

Ports
Fig. 9. Process flow of the microfluidic device.

— Pyrex
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Pin fins

Air gap (etched
through)

'\ Inlet plenum

Flow in (bottom wall
thickness
~150pum)

.5mm x80 SE(L) 07/30/2004 15:52 1.00mm

Fig. 10. SEM image of the microfluidic device.

deep vertical trenches on the silicon wafer with a charac-
teristic scalloped sidewall possessing a peak-to-peak
roughness of ~0.3 um. A profilometer is employed to
measure and record various dimensions of the device.

The wafer is flipped and the backside is then processed
to create an inlet, outlet and pressure port taps for the
transducers. A photolithography followed by a BOE
(6:1) oxide removal process is carried out to create a pat-
tern mask. The wafer is then etched-through in a DRIE
process to create the fluidic ports. Further, electrical con-
tacts/pads are opened up on the backside of the wafer by
performing another round of photolithography and RIE
processing. Finally, the processed wafer is stripped of any
remaining resist or oxide layers and anodically bonded
to a 1 mm thick polished Pyrex (glass) wafer to form a
sealed device. After successful completion of the bonding
process, the processed stack is die-sawed to separate the
devices from the parent wafer. An SEM image of the
microdevice is shown in Fig. 10 and a two-layer CAD
model is presented in Fig. 1 for completeness.

4.2. Experimental setup details

The MEMS device is packaged by sandwiching it be-
tween two plates as shown in Fig. 11(a). The fluidic seals
are forged using miniature “o-rings,” while the electrical
connections to the heater are achieved from beneath
through spring-loaded pins. A microgear pump is used
to propel the liquid from a reservoir through the MEMS
device at various flow rates (Fig. 11(b)). A Welch vac-
uum pump is employed to remove air in the system prior
to any liquid circulation. Flow data is measured via
pressure transducers and an Omega flow meter and
stored/analyzed using an IBM PC. The pin fin heat sink
is continuously scrutinized using a microscope and a
CCD camera combination unit.

4.3. Experimental procedure

At first, the temperature dependency of the electrical
resistance of the heater is obtained using a temperature

controlled oven, and a calibration curve is attained.
Next, the reservoir pressure is fixed, and a constant flow
rate is realized by operating the micropump. Experimen-
tal data from the flow meter and the pressure transduc-
ers is collected once steady flow conditions have been
accomplished. A Lab View® interface is employed for
data collection and concomitant analysis. All experi-
ments are performed with de-ionized water as the work-
ing fluid. Thereafter, a voltage is applied across the
device, and current and voltage information are re-
corded once stable conditions have been reached. The
voltage is increased in increments of 0.5 V up to maxi-
mum of 10V, and electrical data is continuously ac-
quired. This data is used to determine the resistance of
the device at those conditions. Further data reduction
leads to the determination of temperature of the device
at different power inputs. The uncertainties of the mea-
sured values, given in Table 2, are derived from the man-
ufacturer’s specification sheets, while the uncertainties of
the derived parameters are obtained using the method
developed by Kline and McClintock [30].

4.4. Data reduction

The raw data (i.e., voltage, current, flow rates, pres-
sures) measured in the experiments are further processed
to obtain certain quantities. The electrical power can be
expressed in terms of current and voltage recorded ear-
lier as

P=E-I (23)

From the voltage and current data, the experimental
electrical resistance can be determined as follows:

Rep = EJI (24)

Once experimental electrical resistances have been deter-
mined, they are converted to average temperatures val-
ues using the previously obtained calibration curve.
With P and T,, known, the dimensional thermal resis-
tance Ry, is easily calculated as

2(Tav - Tamb) 2ATav

Riot = P =5 (25)

The factor 2 in Eq. (25) accounts for the discrepancy be-
tween the measured wall temperature (the average) and
the temperature used to define the thermal resistance
(at the exit). A mean absolute error (MAE) of the exper-
imental results with theoretical values is given by:

1 H |X1t _Xlllh t‘“l‘
MAE _ ot,exp ot,theoretical % 100(7 26
M ; Xiotep ’ (26)

One-dimensional fin analysis on the inlet and outlet ple-
num is performed to estimate heat losses from the micro
pin fin sink. The analysis yields a heat loss which is 6.2%
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Fig. 11. (a) Device package and (b) experimental setup.

Table 2

Uncertainties in variables used in uncertainty analysis
Uncertainty Error
Flow rate, Q (for each reading) +1.0%
Voltage supplied by power source, V° +0.5%
Current supplied by power source, / +0.5%
Ambient temperature, T, +0.1 °C
Electrical power, P +0.7%
Electrical resistance, R +0.7%
Average temperature, T, 12.0°C
Riot +3.1%
f 7.2%

of the electrical power supplied to the heater. Heat loss
from the bottom surface is estimated by assuming one-
dimensional conduction through a 2 mm air gap (gap
between the chip bottom and the top pin block), while
thermal losses comprising of conduction through the
pyrex substrate and natural convection is used to esti-
mate heat loss from the top surface. Maximum heat
losses from the top and bottom surfaces yield ~0.02 W
and ~0.01 W, which is considerably smaller than heat
losses from the inlet and outlet plenum. Thus, heat
losses from the top and bottom surfaces are neglected.
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4.5. Experimental results

4.5.1. Heat transfer

Fig. 12 shows the experimental average wall temper-
ature, ATy, as a function of heat flux, ¢”, for flow rate of
3.2ml/min (corresponding to frontal velocity of
0.317ms™ ') together with the analytical expression
obtained with Eq. (14). As can be seen the experimental
results compare very favorably with the analytical
expression, with a mean absolute error of 5.7%. Theoret-
ical total thermal resistance and the experimental results
are shown in Fig. 13, which again display good agree-
ment. The MAE in this case is 5.2% and the ratios be-
tween experimental and theoretical values fall between
0.8 and 1.2 as shown in Fig. 14. It should be noted that
wall temperature rise is primarily due to the increase in
the water temperature, and the contribution of the con-
vective term is relatively small (15-20% of the total ther-
mal resistance). A relatively large deviation of Eq. (13)

25
.
204
O 151
Py
< 104
51 ¢ Experimental
——Theoretical
0 T T T
0 10 20 30 40
q" (W/em?)

Fig. 12. AT, vs. ¢" (Q = 3.2 ml/min, Ap = 14.7 kPa, ¢ = 0.65,
and wo/L = 41).
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from the actual Nusselt number would not necessarily
result in a large deviation between the experimental re-
sults and Eq. (14). Since the convective heat transfer is
very effective, surface temperatures are very comparable
to the fluid temperatures. Small measurements uncer-
tainties of both temperatures will propagate to large
experimental uncertainties in the heat transfer coeffi-
cient. In order to obtain accurate Nusselt number corre-
lations experimentally, it is necessary to either perform
experiments at very high heat fluxes (increases wall-fluid
temperature drop) or use fluids having a low thermal
conductivity (reduces heat transfer coefficient while
maintaining the same Reynolds and Pr number).

4.5.2. Pressure drop

Adiabatic tests were performed over a wide range of
flow rates and pressure drops. Fig. 15 shows the corre-
sponding friction factor as a function of Reynolds
number along with several laminar flow correlations
developed using conventional scale apparatus [12,16,
28,31] and data collected from microscale pin fin geo-
metries [17]. The MAE’s between the experimental
data, the various correlations and published data are
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Gunther and Shaw [28]
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Fig. 13. Ry vs. ¢ (Q = 3.2 ml/min, Ap = 14.7 kPa, ¢ = 0.65,

and wy/L = 41).
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« Gaddis and Gnielski [12]

e Short et al. [16]
@ DataforH/D=1[17]
-~ Kosar et al. [17]
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. Friction factor as a function of Reynolds number.
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Table 3

Mean average error of friction factor between experimental data and available correlations

Gaddis and Gnielski [12]

Gunther and Shaw [28]

Short et al. [16] HEDH [31] Kosar et al. [17]

MAE (%) 277 111

24.9 14.3 17.9

presented in Table 3. It is clear from Fig. 15 that the
data correlates fairly well with an MAE range between
11.1 and 27.7 (depending on the correlation). A distinct
difference between the data obtain by Kosar et al. [17]
for L/D = 1 and the current device L/D = 2.43 is evident
(the two devices are identical excluding L/D values). As
discussed in [17], endwall effects for friction factor across
laminar flow over microscale pin fins are important for
fin pins height-to-diameter smaller than some value be-
tween 1 and 2 (the exact value was not specified). Since
for the current device L/D ratio is larger than 2, endwall
effects diminishes and the long tube correlations fit the
experimental data. It should be noted that in many cir-
cumstances optimization can provide L/D values in the
1-2 range. For this range, correlations that account
for endwall effects in laminar flow (such as [16,17])
should be used.

5. Conclusions

In this study, a comprehensive heat transfer analysis
over a bank of micro pin fins has been conducted analyt-
ically and the concomitant results have been experimen-
tally validated. A simplified expression for the total
thermal resistance has been derived and discussed. The
main conclusions drawn from this investigation are
presented below:

e Very high heat fluxes can be dissipated at low wall
temperature rise using a microscale pin fin heat sink.
The thermo-hydraulic performance of flow across a
microscale cylindrical pin fin array is superior to
plain microchannel based cooling. The heat transfer
and pressure drop correlations are currently not suf-
ficiently developed, but the results strongly suggest
that pin fin heat sinks deserve adequate research
attention. Furthermore, pin fin configurations pro-
vide considerably more design flexibility in the geo-
metrical selection of the pin shapes and their spacing.

e Forced convection over shrouded micro pin fin heat
sinks is a very effective heat transfer mode. In many
cases, the primary cause for the rise in wall tempera-
ture is the increase of the fluid temperature as it flows
through the heat sink.

e To suppress the convective thermal resistance at high
Reynolds number dense pin fin configurations are
preferable, while for low Reynolds numbers more
sparse arrangements are advisable.

e Very low tube diameters (below ~50 um) should be
avoided. The thermal resistance is less sensitive to
changes in the tube diameter at larger diameters.

Heat transfer coefficients for microscale pins are very
large and result in decreasing fin efficiencies. To
increase efficiencies, pins should be relatively short.
However, correlations for low Reynolds number
(applicable to microscale systems) heat transfer coef-
ficients for intermediate pins length are very scarce.
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